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Thermal analysis of a light-duty CI engine operating with Diesel-gasoline dual-fuel combustion mode For these reasons, this work deals with the experimental/modelling GEB of a single-cylinder engine operating 52 with dual-fuel, in which the effects of the low/high reactivity fuel ratio, the Start of Injection (SoI) and the EGR rate 53 on the GEB are evaluated. To achieve a complete insight of the RCCI concept potential, a comprehensive compar-
54
ison between dual-fuel and CDC at comparable power output and emissions levels is carried out, approaching from 55 a diffusion combustion to a RCCI one. The GEB is compared in terms of both, the total input fuel energy and the 56 effective burned fuel energy (eliminating the effect of incomplete combustion) to allow a fair comparison and enrich 57 the analysis through decoupling of the combustion and thermal processes. 
Experimental setup

60
The engine used for this study is a single-cylinder research engine with a displacement of 0.39 l. The engine is 61 equipped with two injection systems, one for Diesel Direct Injection (DI) and one for gasoline Port Fuel Injection
62
(PFI), thus allowing dual-fuel operation. The DI is a state of the art system near to series production and reach an 63 injection pressure up to 2200 bar. For the PFI, a series production Bosch valve was used. The engine control unit is 64 based on a rapid control prototyping computer enabling a free determination of the injection parameters for both DI and PFI. The engine features a maximum specific power output of 80 kW/l with peak firing pressures up to 190 bar.
66
Thanks to intense intake air and EGR cooling, the engine meets EU6.1 NO x level whilst simultaneously achieving 67 low particulate matter (PM) emissions even in CDC operation. For dual-fuel operation, apart from the addition of the PFI system the engine geometry was not modified. Therefore, the piston has an ω-shaped re-entrant bowl with a This study focuses on the application of a dual-fuel approach for a light duty engine as it is used for passenger 88 cars. Therefore, almost the whole engine load regime was previously investigated and calibrated in CDC, covering 89 low part load operation to full load operation [30, 33] . For the initial characterization of dual-fuel operation, most of 90 the operating parameters such as boost pressure, DI rail pressure, and combustion phasing (CA50) were kept constant 91 at part load operation. Regarding the fuels used in this work, conventional EN228 gasoline RON95 E10 was selected 92 as low reactivity fuel (PFI), while standard EN590 Diesel pump fuel was chosen as high reactivity fuel (DI). The 93 physical characteristics of the fuels are given in Table 3 .
95
In this work, the experiments are performed at 3 part load operating conditions, denoted as A1 to A3 for con-
96
venience. The main operation settings of these part load points are summarized in Table 4 , and correspond to the 97 nominal settings that will be kept constant in both, the calibration phase and the dual-fuel operation. 
Global energy balance description
It is important to define the GEB for the case of a single-cylinder engine, taking into account that the sub-systems 102 can significantly vary from those of a production multi-cylinder engine. As an example, the coolant and lubricating 103 fluids are usually externally pumped, the fuel and air conditioning carried out in special external devices and the turbo engine is presented in Figure 1 . This scheme shows most of the energy interactions occurring during the engine 107 operation, considering the main energy inputs and final outputs (energy terms outside the dashed line) and the internal 108 interactions (inside the dashed line). According to [29] , the considered terms can be determined as:
it is the input fuel energy, determined from the fuel mass flow measurement and the lower heating value 110 obtained through chemical characterization of the fuel, included in Table 3 .
111
-N i , N p : they are the gross indicated and the pumping powers, which are estimated through the integration of the 112 p − V diagram between the intake and exhaust bottom dead centres [34] .
113
-N b , N a , N f r : they are brake power, the auxiliary and friction losses respectively. The brake power is estimated 114 from the engine speed (n) and torque (M) as:
and N a and N f r are determined together from indicated, pumping and brake powers as: 
132
The use of experimental and modelling sources to determine the energy terms requires the suitable definition of 133 the energy balance, which is presented in. Equation (7):
where N i,net is the net indicated power calculated as presented in Equation (8) enthalpy balance between intake (before air and EGR mixing) and exhaust line after the EGR extraction (see Equation
137
(9)) andQ unbal is the unbalance term accounting for the experimental and modelled uncertainty as well as for minor 138 terms such as the blow-by.
It is convenient to express Equation (10) in terms of the total input fuel energy percentage (%ṁ f H v ) as:
where η i,net is the net indicated efficiency, Θ cham , Θ ports , Θ EGR are the percentage of HT to the chamber, the ports and 141 the EGR and Θ g , Θ ic , Θ unbal are the percentage of exhaust losses, incomplete combustion and unbalance terms.
142
The study performed is oriented to the thermal characterization of a research engine operating with dual-fuel; thus, 143 some considerations must be done in order to better analyse the representative thermal terms:
144
-Although N i,net must be considered in Equation (7) to perform the GEB, from the performance point of view,
145
dual-fuel combustion is better evaluated through the gross indicated power (N i ), since the analysis of the pump-
146
ing work in a research single-cylinder engine could mislead the conclusions.
147
-In CDC, the unburned fuel energy is usually lower than 1%ṁ f H v ; however, this term gains relevance in dual- as presented in Equation (11):
where η comb is defined as the ratio between the chemical energy of the injected fuel and the heat release due to 158 the fuel burning (ṁ bur f H v ) and can be calculated from the exhaust emissions as:
-In order to keep the coherence through the GEB analysis, all the energy terms considered should be compared 160 over the same basis. Thus, a variation of the GEB is obtained by rearranging terms in Equation (10) where the superscript th is used to indicate that the energy terms are in relative terms of the burned fuel.
164
The terms presented in Equation (13) the relevant engine sub-systems through the combination of both physical and semi-empirical sub-models to calculate 170 the heat transfer flow to combustion chamber walls and ports, mechanical losses and intake and exhaust processes.
171
The main assumptions in the model are:
172
-Chamber pressure and temperature are assumed to be spatially uniform.
173
-Three species (air, fuel vapour and stoichiometric combustion products) are considered [37] .
174
-Ideal gas law is used to calculate mean gas temperature.
175
-A filling and emptying model is used to calculate the trapped mass [38] .
176
-Specific heat of the gas depends on both temperature and composition [39] .
177
-Blow-by model is based on the evolution of the gas in an isentropic nozzle [38] . 
where m is the instantaneous mass calculated from the trapped mass at the IVC (obtained by means of a filling and In Equation (14) all the involved phenomena can be easily identified: in the left-hand side dHR/dα is the heat 194 released by combustion in a calculation step, whereas the terms in the right-hand side are, from left to right, the 195 sensible internal energy of the gas, the heat transfer to the walls, the work done by the gas, the energy required for 196 the fuel injection, evaporation and heating, and the flow work associated with the blow-by leakage. This equation is 197 directly applicable in CDC but some comments have to be done before use it in dual-fuel applications:
198
-The port fuel injection is modelled as a direct injection during the intake process, thus obtaining a homogeneous 199 mixture of air and fuel in the chamber at the IVC.
200
-Since the model considers just one zone in the chamber, only gas phase is considered and the injected fuel is 201 assumed to be instantaneously evaporated during closed cycle.
202
-The fuel is considered as a blend of gasoline and Diesel. This simplification was be made because the model 
206
It is important to highlight that the p (α) and some mean values (mean temperatures and mass flows) are the main 207 inputs and retain the combustion and thermal information, thus the uncertainty due to evaporation process inaccura-208 cies and gas properties is expected to be similar as in a CDC.
210
In order to get accurate information from the GEB tool and to reduce the effect of some uncertainties, a calibra- 
where h is the heat transfer coefficient, D is the cylinder bore, p is the in-cylinder pressure, T is the gas tem- Table 5 .
225
The tuning method is based on the application of the first law of thermodynamics to obtain the RoHR, which 226 should be zero in motoring test. A multi-variable linear regression is used to find the parameters optimal values with 227 the criteria of RoHR uncertainty minimization (this procedure is comprehensively explained in [32]).
229
The characterization was applied in a speed swept between 1500 and 2400 rpm. The reference and adjusted values 230 of each parameter are presented in Table 5 and the instantaneous evolution of RoHR at each motoring test is presented 231 in Figure 2 , where it is possible to see how the uncertainty was reduced almost to zero. 
Heat transfer adjustment in combustion operation
233
The accurate determination of the HT is necessary for a proper GEB and combustion analysis. By observing
234
Equation (14), it is possible to conclude that the principal uncertainty that affects the RoHR is the HT, considering being ACE defined as:
where HR max is the maximum heat released, obtained through integration of Equation (14).
243
The resulting value of C 2 is included in Figure 3 the ACE calculated with the adjusted C 2 value and the η comb for the part load reference points are presented.
246
It is possible to see that the uncertainty in all the operating points is low, having mean values about ±2%ṁ f H v , thus 247 the adjustment has a good performance at these conditions for this kind of thermodynamic models [32] . 
Global energy balance tool validation 249
Once the tool is calibrated, its performance to calculate the GEB was checked by means of the total experimental 250 (Q tot,exp ) and modelled (Q tot,mod ) HT terms, which are defined in Equations (17) and (18):
The results are presented in Figure 4 , where it is possible to see the good agreement between the experimental and 252 modelled terms. The uncertainty for all operating points is low, ranging between ±3%ṁ f H v .
253
Results and discussion
254
With the objective of analyzing the effect of dual-fuel operation, the GEB is carried out at different parametric 255 studies:
256
-Diesel/gasoline mixture fraction evaluated in A1 to A3 operating conditions. The aim is to determine the effect 257 of the low reactivity fuel on the engine thermal performance.
258
-Diesel SoI swept at 2 fixed gasoline rates (i.e. 70 and 90%XPFI) without EGR at A1 part load point.
259
-Diesel SoI swept at 80 %XPFI with and without EGR at A1 part load point.
260
The objective of these studies was to gradually change the combustion from diffusion controlled to reactivity con-261 trolled. From these studies, the potential of the RCCI combustion in comparison with the CDC will be assessed in 262 terms of engine indicated and thermal efficiencies and energy balance.
264
To explain the thermal and combustion characteristics of each study, the temporal evolution of the RoHR and the 265 bulk gas temperature (T g ) are presented for some representative operating points. Moreover, to improve the analysis,
266
the crank angle at 10 and 90% mass fraction burned (CA10 and CA90) are also included as indicators of the start and 267 end of combustion respectively. The combustion duration is assumed to be AC90-AC10. 
Effect of increasing the gasoline fraction in the blend
269
For the initial investigations, when the gasoline mass fraction (%XPFI) was swept, the DI-timing and the EGR 270 rate were varied to maintain a constant CA50 and NO x levels. The total fuel injected was slightly adjusted to maintain Before starting the analysis of the GEB, it is interesting to highlight that η comb is close to 100%ṁ f H v in CDC as 288 shown in Figure 3 , therefore η i has almost the same value as η th in this case. It is convenient to start the analysis of 289 the GEB with the incomplete combustion losses, since it can help to explain some behaviours observed in the other 290 energy terms. Θ ic for different Diesel/gasoline compositions mixtures at each operating points is presented in Figure   291 6. For all operating conditions Θ ic is higher than the Diesel reference, reaching values up to 7.5%ṁ f H v at high gaso-292 line fractions. The trend to increase Θ ic as %XPFI becomes higher changes at a determined mixture composition that 293 depends on the point. The decrease of the CO emissions at high %XPFI can be justified through the increase in the 294 fuel/air ratio of the homogeneous charge when increasing the gasoline injection. At these conditions, the lower air 295 mass fractions leads to higher combustion products temperature, reaching the limit for the CO oxidation into CO 2 .
296
The %XPFI at which the Θ ic peek is reached changes at different operation points due to the different in-cylinder As observed in Figure 7 , the heat rejection to chamber walls (Θ cham ) for low gasoline fraction has a similar level 300 as CDC; however, it tends to diminish when increasing the gasoline fractions due to the change of the mean gas As shown in Figure 8 , the trend of Θ ports is similar as Θ cham when increasing the gasoline fraction: at low 305 %XPFI, Θ ports is similar as CDC; however, the higher the %XPFI the lower the Θ ports becomes, reaching values 306 about 1.5%ṁ f H v lower than CDC. This is explained by the earlier CA90, which leads to lower mean gas temperature 307 at the end of combustion (see Figure 5 bottom), and hence to lower temperature drop between the gas and the ports Finally, the engine indicated and thermal efficiencies are evaluated in Figure 10 , where it is possible to see that η i 320 is always lower than the Diesel reference, being this mainly explained by the lower combustion efficiency (higher Θ ic ).
321
Due to the important incomplete combustion losses in dual-fuel operation, the total amount of fuel injected has to be 322 slightly increased to keep the same imep, thus reducing η i . However, η th has similar values as CDC at low %XPFI
323
and a clear trend to increase when higher gasoline fractions are used. Therefore, at the conditions of this study (same
324
CA50 and τ EGR ), it can be stated that the thermal conversion efficiency at high %XPFI is better than that of CDC. This 325 improvement can be mainly explained by the changes in the combustion process, and hence, on the heat release rate
326
(earlier CA90, see Figure 5 ). 
Effect of Diesel injection timing at different %XPFI
328
Once the effect of dual-fuel operation on the GEB using different gasoline ratios has been analysed, the effect of 329 advancing the DI injection event, gradually changing from a diffusion controlled combustion to RCCI operation, is 330 studied. This study is focused on the A1 operating point, where a Diesel SoI swept for the cases of 70 and 90%XPFI
331
without EGR is evaluated.
333
The RoHR for the two extreme SoI and an intermediate value of the SoI swept at 90%XPFI is presented in the 334 bottom of Figure 11 . As can be seen in SoI -1.7
• , delaying the Diesel injection in the compression stroke results 335 in a higher RoHR peak since the thermodynamic conditions in the chamber (i.e. high temperature and pressure) are 336 favourable to start the combustion process after a delay of few crank angle degrees. In this delayed conditions, the first 337 combustion event increases the pressure and temperature in the chamber and is followed by a slower combustion of 338 the premixed mixture. Advancing the SoI (SoI -21.7
• case) results in longer combustion delay, which leads to higher 339 mixture of the Diesel fuel with the charge, and hence, a slightly shorter global combustion process as can be seen in
340
Figure 11. At these conditions the peak of the RoHR is lower than in SoI -1.7
• case. Advancing the SoI further than
341
-22
• (SoI -39.2
• case) leads to a combustion process close to RCCI mode; this occurs because the Diesel is injected 342 in a low temperature and pressure environment, being insufficient to start the combustion during the injection, thus,
343
leading to higher stratification of the Diesel fuel/air ratio, and hence to lower reactivity of the charge near the Diesel 344 spray in comparison with the delayed injection cases. As expected, the important changes in the shape of the RoHR 345 affects the rest of the analysed terms.
346
Regarding the GEB, the following comments can be done:
348
-The incomplete combustion losses (Θ ic ) depend mainly on the amount of gasoline injected, thus, the higher the 349 %XPFI leads to higherḢ ic as shown in Figure 12 . Delaying the SoI leads to an increase of Θ ic , more noticeable 350 at 70%XPFI. It is interesting to highlight that advancing the SoI at low gasoline rate leads to Θ ic similar as CDC.
351
352
-As shown in Figure 13 , η i is lower than the CDC, which is explained by the incomplete combustion losses. longer combustion, see Figure 11 ). This trend is also observed in η th at 90%XPFI because the increase in Θ ic
356
by delaying the SoI does not compensate the reduction of η i , on the contrary, this trend is not observed in the 357 case of 70%XPFI because the increase of Θ ic compensates the reduction of η i .
359
The higher η th at 90%XPFI is explained by the better shape of the RoHR as shown in Figure 14 . It can be seen 360 that the RoHR at 90%XPFI is more centred around TDC than 70%XPFI at the SoI compared (-21
moreover, this general trend with %XPFI can be also seen in Figure 10 (despite it is not the same study).
362
Delaying the SoI at 70%XPFI (and centring the combustion) does not lead to increase in η th as consequence of does not lead to higher η i as a consequence of the changes in the RoHR (see Figure 11) .
370
As shown in Figure 14 , the higher the %XPFI the lower the temperature. This is explained by the delayed 371 combustion when increase the %XPFI, which also leads to lower HT. It can be concluded that this lower Θ th cham 372 along with the better combustion phasing at 90%XPFI leads to higher η th than CDC. higher than that observed for the ports, due to the higher proportional effect of the incomplete combustion.
378
At high %XPFI, the thermal efficiency of dual-fuel operation is better than that of CDC, but the combustion effi-ciency has to be enhanced to improve the indicated efficiency. In the following study, the effect of EGR strategy will 380 be analysed as an alternative to improve the engine efficiency and the global thermal process. To perform a fair comparison between dual-fuel and CDC, the final step is to evaluate the effect of the EGR strat-384 egy. To do that, a swept of SoI for 0 and 30% of EGR is analysed, using a fixed amount of gasoline of 80%XPFI at 385 the A1 part load operating point.
387
In Figure 15 , it is possible to see the effect of increase the EGR rate on the RoHR at a fixed SoI of -21.2
• . As
388
shown, the increase of EGR leads to higher combustion delay and slower combustion development, which is explained 389 by the lower reactivity of the charge. In dual-fuel operation, when τ EGR increases, the combustion process ends later 390 in the expansion stroke, which leads to higher exhaust temperature as shown in Table 6 . It is interesting to highlight 391 that CDC has a significantly higher exhaust temperature (318 • C) than dual-fuel, which is explained as part of the 392 combustion occurs during the expansion stroke (AC90 in CDC lies about 27
• aTDC).
394
With respect to the GEB, the following observations can be made:
395
-As shown in Figure 16 , Θ ic is slightly lower when using EGR. This trend is due to the higher mean gas temper-
396
ature during compression and most of the expansion, as shown Figure 15 . It is interesting to highlight that the 397 variations of Θ ic due to using EGR are lower than those by changing %XPFI (see Figure 12 ).
398
-The EGR does not affect η th as shown in Figure 17 . However, η i shows a slight variation as consequence of Θ ic 
405
-Using EGR leads to higher exhaust temperature (see Table 6 ) due to the higher mean gas temperature and the 406 delayed combustion, as shown in Figure 15 , thus leading to the higher Θ ports and Θ th ports observed in Figure 17 .
407
Note that even with the increase of the exhaust temperature when using EGR, this is still lower than that of -As the objective of this study is to analyse the effect of the EGR, the terms Θ g and Θ EGR are analysed together 410 in order to get comparable quantities. 
Summary and Conclusions
421
In this work, the combustion and thermal behaviour of a single-cylinder research engine operating with dual-fuel 422 has been evaluated. This study combines experimental and modelling tools to analyse the efficiency as well as the 423 power losses of the engine by performing and analysing the GEB. To validate the GEB tool, the experimental and modelled total HT were compared. A general good agreement 431 was observed between them, having a main uncertainty about 3%ṁ f H v in all operating conditions. Therefore, it is 432 concluded that the model is reliable enough to determine the energy terms defined in this work.
434
The study is finally centred in analysing the effect of varying the %XPFI, the SoI and the EGR, thus approaching 435 from a CDC to a RCCI combustion. The main trends observed in the stated studies are listed below:
436
-At higher %XPFI, η t h is better than the CDC, mainly explained by the changes in the RoHR; however, η i has 437 not reached the CDC values. This is explained by the lower combustion efficiency at these conditions, and 438 hence the higher Θ ic losses.
439
-The highest η i and η t h are reached at SoI between -20 and -25
• aTDC. In the case of η th , higher values than 440 those of CDC have been observed, which indicates a better thermal process of the dual-fuel mode; however, the 441 weight of the HT and the exhausts losses were also increased to levels similar or higher than CDC.
442
-The use of EGR at 80%XPFI leads to further improvements of the combustion process and combustion effi- behaviour of the engine is also enhanced, reaching up to 4%ṁ f H v higher η th than CDC.
445
From the results reported in this work, it can be concluded that both, the indicated and thermal efficiencies of the 446 dual-fuel concept are better than the CDC when using optimal SoI and EGR rate. The potential of the RCCI mode is 447 evidenced by the higher thermal efficiency, and further investigations to improve the combustion efficiency are worth. 
